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A modular variable-speed heat pump model is developed from first principles. The system model consists
of steady-state evaporator, compressor, and condenser component sub-models. The compressor model
currently implemented accounts for re-expansion, valve pressure drop, and back leakage using empirical
coefficients obtained from tests covering a wide range of pressure ratio and shaft speed. Variations in
heat transfer coefficients with refrigerant and secondary fluid flow rates are modeled over a wide range
of capacity. Pressure drops in piping and heat exchangers are also modeled. The resulting heat pump
model is flexible and fast enough for use in finding optimal compressor, fan, and pump speeds and optimal
subcooling for any specified capacity fraction and operating condition. To confirm the models accuracy,
simulation results are compared to experimental data with condenser inlet air temperatures ranging from
15°C to 45°C, evaporator inlet air (dry) from 14°C to 34°C, and cooling capacity from 1.1 kW to 3.9
kW. The refrigerant charge balance has not been modeled; instead, it is assumed that a liquid receiver
maintains the necessary charge balance. Over this wide range of conditions, the coefficient of performance
prediction errors are found to be £10%. An example of configuring the HPM with a different evaporator
demonstrates the benefits of a modular approach.

Introduction

In the United States, buildings consume about
40% of total energy and more than 70% of elec-
tricity. The second and third largest consumers
of electricity in commercial buildings are cooling
and ventilation systems, and the cooling share is
growing (U.S. Energy Information Administration
2008). The majority of cooling energy is used by
COMpressors.

One path to reducing the energy for compression
is to decrease the condensing temperature and
increase the evaporating temperature. A cooling
system that reduces the pressure rise across the
compressor is termed “low-lift cooling.” Although
the pressure-rise reduction achieved using low-lift
technology decreases the compressor energy con-
sumption, it would normally increase the transport
energy consumption and/or heat exchanger size
and, hence, needs to be carefully balanced. One
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promising way to achieve a balanced low-lift
cooling system design is to integrate four available
technology elements: variable-speed drive (VSD)
motors for the compressor and auxiliary fans and
pumps, hydronic radiant cooling system (RCS),
thermal energy storage (TES), and a dedicated
outside air system (DOAS). While many different
studies have shown the benefits of each separate
component of this system, the combined system
benefits have only recently been investigated (Jiang
etal. 2007; Armstrong et al. 2009; Katipamula et al.
2010). These scoping studies of five different U.S.
climates and three building types (low performance,
mid performance, and high performance) showed
possible cooling system energy savings from 30%
to 70%, depending on the climate and the building
envelope, when all four elements work together.

Analysis of low-lift systems requires a heat pump
model (HPM) that is valid over a wide range of com-
pressor and condenser fan speeds and over a wide
range of lift conditions. The steady-state air-to-air
heat pump and chiller models found in the litera-
ture can be divided between relatively simple, fast
models, which are usually developed for larger sys-
tem simulations, and more accurate, detailed, and
computationally expensive models, which require
large numbers of input parameters. Such models are
most often used by manufacturers as design tools.
Among high-detail HPMs are Hiller’s (1976) air-to-
air HPM with the reported accuracy in coefficient
of performance (COP) prediction of 4% to 6%,
Ellison and Creswick’s (1978) and Ellison et al.’s
(1979) air-to-air HPM, and Domanski and Didion’s
(1984) air-to-air HPM with reported maximum er-
rors 2.2% for the capacity, 3.8% for power, and 5.1%
for COP. One of the more recent, detailed HPMs
is Tu’s (2007) model with a unique heat exchanger
circuiting algorithm. Probably the best known and
most widely used air-to-air, steady-state HPM to-
day, developed from Ellison et al.’s (1979) model, is
the DOE/ORNL model (Rice 20006). It offers a great
level of detail and is continually improved. For ex-
ample, recently (Murphy et al. 2007), a tube-in-tube
heat exchanger model was added.

Several simpler HPMs found in the literature are
Jeter et al’s air-to-air HPM (1987), Bertsch and
Groll’s (2008) air-source HPM, Braun et al.’s (1987)
variable-speed control chiller model, Fu et al’s
(1988) chiller model, Jin’s (2002) physics-based em-
pirical model, and the basic first-principles model
developed by Armstrong et al. (2009). Armstrong’s
model optimizes the heat pump cooling cycle for

the given cooling rate and zone and ambient tem-
peratures by finding the compressor, fan, and pump
speeds at which minimal total power is required. The
simpler models mentioned above usually combine
a volumetric efficiency model for compressor cal-
culations with an e-NTU (number of transfer units)
method or logarithmic mean temperature method for
heat exchanger calculations. Although sufficiently
simple for larger simulations, most of them neglect
the refrigerant pressure drop, variable heat transfer
coefficients, superheating, desuperheating, or sub-
cooling, or some combination of them.

Although steady-state HPMs have been around a
long time (Stoecker 1971), there is still need for a
model that will accurately simulate and optimize not
just commercially available heat pumps, but also re-
finements and new heat pumps designed to operate
efficiently over a much broader range of operating
conditions than in current practice. To correctly re-
flect the relative system COP benefits of a wide
range of compressor, fan, and pump speeds and of a
wide range of evaporating and condensing tempera-
tures, the model should address the impact of evapo-
rator superheating, condenser subcooling, pressure
drop, and variable fluid transport rates.

The modular facilitates further development of
each component independent from the other parts,
replacement of one component sub-model with a
different one (different types of heat exchangers,
compressors, fans, inverters), or the addition of new
components (reversing valve, liquid receiver, ex-
pander). One example presented in this article is
the evaporator sub-model, which is replaced by a
water-to-refrigerant heat exchanger without chang-
ing the other sub-models. Other types of compressor
and condenser models can be substituted with equal
ease. It is shown in the model validation section that
with the heat exchanger, pressure drop, and com-
pressor component models currently implemented,
there is good agreement between the measured data
and HPM predictions of pressures, temperatures,
mass flow rates, and compressor speeds. The com-
pressor power predictions show the largest relative
errors +10%, which may be a consequence of mea-
surement error and/or of using a relatively simple
compressor model.

Model description

The HPM currently consists of three compo-
nent sub-models within a main solver loop. The



Downloaded by [Massachusetts I nstitute of Technology], [Tea Zakula] at 12:57 03 October 2011

672 VOLUME 17, NUMBER 5, OCTOBER 2011

evaporator, compressor, and condenser components
are modeled separately using energy balance equa-
tions and semi-empirical correlations. An idealized
expansion valve has been assumed, which accurately
models the real steady-state throttling process in
cases where the valve is positioned at the evapo-
rator inlet. It is assumed that the expansion valve
delivers the exact refrigerant mass flow rate (as-
suming the valve free area is sufficient for design
capacity during operation at low pressure differ-
ence in addition to ideal control) for any specified
superheating to be achieved at the evaporator out-
let and that the enthalpy at the condenser outlet is
equal to the enthalpy at the evaporator inlet. The
refrigerant charge balance has not been modeled,
instead, it is assumed that the amount of subcool-
ing or the condenser subcooled area fraction can be
controlled and that a liquid receiver maintains the
necessary charge balance. The process in the suction
and discharge lines is also assumed to be isenthalpic.

EVAPORATOR
Assumed: hy;
Input: Q. T, VAT,
OUI]’)UI: 'I.\e' Tcomp_in-‘ Mg Pcomp_in? Ee

l

A,
b
L4

COMPRESSOR
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]nput: Tcnmp_m' Mg PW“‘P_’“
Output: £ E .. T,
I
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Input: m T, TV, Vo

OUIPUI': Qc? I..|Ii|:|‘- Pcump_mll-‘All.lcsc' Ec
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W
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~

Calculate: COP= Q//(E
Figure 1. HPM schematic.
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Conditions where the refrigerant leaves the con-
denser or evaporator in a two-phase state cannot be
handled.

Variable heat transfer coefficients and pressure
drops in the components and in the connecting suc-
tion and discharge lines have been modeled using
correlations explained in Appendix A. The liquid
line pressure drop has not been modeled since it is
much smaller than either of the vapor line pressure
drops and is part of the idealized expansion valve
model. The lubricant influence is taken into account
for the evaporator and condenser pressure drop cal-
culations and also in the compressor heat balance
calculations. The HPM is written in MATLAB™,
and the subroutines of REFPROP™, Version 8.1
(Lemmon et al. 2007) are used to evaluate refriger-
ant properties.

A schematic of the model is given in Figure 1.
Points marked on the temperature-entropy diagram
correspond to the subscripts used in sub-model

¢l & comp_out

e3 & comp_in

el
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equations; e.g., the subscript el corresponds to
evaporator inlet conditions, and ¢3 corresponds to
conditions in the condenser where condensation
finishes (before sub-cooling). Pressure drops in
compressor suction and discharge vapor lines are
modeled but not shown in Figure 1.

At the beginning of the simulation, trial values
are assigned for condenser outlet enthalpy (equal to
the evaporator inlet enthalpy) %, 45, and compres-
sor discharge pressure Peomp_ous, as- The evaporator
sub-model calculates the refrigerant mass flow rate,
temperatures, and pressure required to satisfy the
evaporator energy balance equations for the given
cooling load, zone temperature (or water inlet tem-
perature), superheating, evaporator airflow (or water
mass flow rate), and trial evaporator inlet enthalpy.
For the calculated compressor inlet state, refrigerant
mass flow rate, and trial compressor outlet pressure,
the compressor sub-model calculates the power, fre-
quency, and discharge temperature. At the end, the
condenser temperatures, pressures, and exchanged
heat are calculated in the condenser sub-model for
the calculated refrigerant mass flow rate (from the
evaporator sub-model), condenser inlet temperature
(from the compressor sub-model), and given con-
denser airflow rate, outside temperature, and area
ratio devoted to subcooling. Two solver convergence
points (Figure 1) are c1 for the trial pressure and c4
for the trial enthalpy, meaning that the enthalpy as-
signed at the evaporator inlet needs to be equal to
the enthalpy at the condenser outlet calculated from
the condenser sub-model and that the pressure as-
signed at the compressor outlet needs to be equal to
the calculated pressure at the condenser inlet plus
the pressure drop in the discharge line. The main
solver variables are displayed in Table 1.

Table 1. Main solver variables.

Heat exchanger sub-model

The air-to-refrigerant evaporator and condenser
sub-models are developed for a finned-tube heat ex-
changer (subscript F), and the water-to-refrigerant
sub-model is developed for a brazed-plate heat ex-
changer (subscript B). The evaporator is divided into
the superheating and evaporating region, while the
condenser is divided into the desuperheating, con-
densing, and subcooling region. The finned-tube
evaporator model, developed here for sensible cool-
ing only, can be extended to include latent cool-
ing using the enthalpy potential method (Threlkeld
1970).

The steady-state heat exchanger behavior is mod-
eled using the NTU method (ASHRAE 2009) and
energy balance equations for the evaporating and
condensing region:

er,F = mref(heZ - hliq) = eepcep (Tz - Tel) ’
€]

er.B = mref(heZ - hliq) = MyCy (Tw,e2 - Tw,out)
= Sepcep (Tw,eZ - Tel) s (2)

O F = mré_’f(hCQ —he3) = eepCep (T — 1),

(3)
where
Cep.F = YepVzPairCp.air “4)
Cep,B = My Cy, &)
Cep.r = YepVoPairCp.airs (6)

Parameters

Heat exchanger geometry, material properties, constants

Boundary condition Zone (room) air temperature (7,) or water inlet temperature (7,,;,), cooling rate
(Q.), evaporator airflow rate (V,) or water mass flow rate (m,,), superheating
temperature difference at the evaporator outlet (A7), outside air temperature
(T,), condenser airflow rate (V,), and condenser area percentage devoted to
subcooling (y.s.) or subcooling temperature difference (A7)

Unknowns
Outputs

Enthalpy at the evaporator inlet (%;,) and compressor outlet pressure (Peomp_our)
Refrigerant mass flow rate (m,.s), temperatures in the evaporator (Te;, Te2, Te3),

temperatures in the condenser (7, 7.2, 1,3, T.4), total heat exchanged on the
condenser (Q.), evaporator and condenser fan power (E,, E.), evaporator and
condenser fan speeds (w,, w,), compressor shaft speed (f), compressor input

power (Ecomp), and COP
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e=1—exp[-UA/C]. (7)

For the evaporator superheating, condenser desu-
perheating and condenser subcooling region:

Qesh,F = mref(he3 - he2)

= Seshcesh,min (Tz - Te2) s (8)
Qesh,B = mref(he3 - he2) = MyCy (Tw,in - Tw,eZ)
= Seshcesh,min (Tw,in - TeZ) 5 (9)

Ocshr = mref(hcl = hea)
= €cshCesh_min (Te1 — T,,) , (10)

QCSC,F = mref(hc3 - hc4) = Ccsc,min(Tc3 - To)
(11

The thermal effectiveness for the superheat-
ing, desuperheating, and subcooling regions of the
finned-tube heat exchanger is calculated for a cross-
flow heat exchanger with both hot and cold stream
unmixed, while the thermal effectiveness for the
brazed-plate heat exchanger superheating region is
calculated using the correlation for a counter-flow
heat exchanger (McQuiston et al. 2004):

—BNT
er = 1— exp [M] (12)
B
1— —NTU(1 —
oy LmORENUG =)
1 —aexp[—NTU(1 — «)]
where
Cmin
o =—", (14)
Cmax
Cmin _
g = —"NTU "2, (15)
Cmax
UA
NTU = , (16)
Cmin
Cesh,min,F

. he3 - he2
= MmN\ Yesh Vzpaircp,air’ Yesh Vzpair— ’
TeB - TeZ

(17)

Cesh, max, F'

hes — hep
= max (yesh Vzpaircp,aira Vesh Vzpair;> )

TeS - TeZ
(18)
C . he3 - he2
esh_mi =mm\ my, My ———— |
h_min, B Te3 — Tez
19)
C =max (| my, m M
esh_max, B ws My Te3 — ng s
(20)

Ccsh, min, F

. hL‘l - hc2
= min Yesh Vopaircp.aira Vesh Vopair— )
Tcl - TcZ

21)
Ccsh,max,F

hcl - hc2
= max | Yesh Vupaircp,airv Yesh V()/Oair— s
Tcl - TCZ

(22)

Ccsc _min, F

) hc3 - hc4
= min | Vesc Vopaircp,“ir’ Yese Vo pair T3 — Tea '
¢ c

(23)

Ccsc _max, F

Tc3 - Tc
(24)

hc3 - hc4
=max | Yesc Vo PairCp,air» Yesc Vo Pair | -

Correlations and geometry definitions used to
calculate the product of the overall heat transfer
coefficient and heat exchanger area for each region
(UAep, UAesh, UAcsp, UAcp, UAcge) are discussed in
Appendix A.

The dependence of the evaporator and the con-
denser fan speeds on required airflows is modeled
using a simple linear relation:

cps

w, = C1 V. + Ca, (25)

we = GV, + Cy, (26)
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while the fan power versus speed dependence is Note that the modular structure allows use of any
modeled using power laws (see Appendix C): inverter loss model of the form:
Ee ot = CS(we)Cﬁv (27)
c Ep = f(Emotv f) . (32)
Ec por = C7(wc) 5. (28)

Power versus speed and water flow versus speed

. . i For a compressor inverter sensitive to motor
relations for a pump are modeled using power laws:

power factor, a compressor model that returns power
VoG factor can be implemented within the modular
W, = Wy o <V—w> , (29) framework, and for an inverter cooled by the con-
w,0 denser air stream, its sensitivity to condenser airflow
w. \ o rate and temperature can also be modeled.
Epmor =Epo <—p) (30) The total fan and pump power is then calculated
Wp.0 as the sum of the motor and inverter losses, where
the constants C3, Cy4, C7, Cg, Co, Ci9, C11, Ci2, Vv 0,
Wp.0, and E, o are generally determined from mea-
surements and semi-empirical models as illustrated
in Appendix C.
The evaporator and condenser sub-model vari-
Eim = C1Bmor + C2. GD ables are shrc))wn in Tables 2 and 3, respectively.

Currently, the condenser and evaporator fan and
evaporator pump inverter losses are modeled by the
same simple linear relation:

Table 2. Air-to-refrigerant and water-to-refrigerant evaporator sub-model variables.

Parameters Evaporator and suction pipe geometry, material properties

Boundary condition Zone (room) air temperature (7,) or water inlet temperature (7,,;,), cooling rate
(Qc = Ocp + Oesn), evaporator airflow rate (V) or evaporator water flow rate
(m,,), and superheating temperature difference at the evaporator outlet (A7)

Inputs Enthalpy at the evaporator inlet (4;,)

Unknowns Refrigerant mass flow rate (m,.), temperature at the evaporator inlet (7¢;),
evaporator area percentage devoted to desuperheating (y.s;), pressure drop in the
evaporating region (AP, ), and pressure drop in the desuperheating region
(AP esh)

Outputs Refrigerant mass flow rate (m,.;), temperatures in the evaporator (7,;, T2, Te3),
compressor inlet temperature (7Tomp_in), compressor inlet pressure (Peomp_in),
evaporator fan or pump power (£./E,), and evaporator fan/pump speed (w./w,)

Table 3. Condenser sub-model variables.

Parameters Condenser and discharge pipe geometry, material properties

Boundary condition Outside air temperature (7,), condenser airflow rate (V,), and condenser area
percentage devoted to subcooling (yes)

Inputs Refrigerant mass flow rate (m,.r), condenser inlet temperature (7.;)

Unknowns Condenser inlet pressure (P,;), condenser area percentage devoted to condensation
(Vep)» pressure drop in the desuperheating region (AP,y;), pressure drop in the
condensing region (AP,,), and pressure drop in the subcooling region (AP.),

Outputs Temperatures in the condenser (7, T.2, 1.3, Tc4), condenser inlet pressure (P,;),
subcooling temperature difference at the condenser outlet (A7), total heat
exchanged on the condenser (O, = Qcon + Ocp + Ocse), condenser fan power
(E.), and condenser fan speed (w,)
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Table 4. RMS errors for four different models.

Model 1 Model2 Model3 Model 4

RMS  5.08% 4.94% 1.57% 5.02%

Compressor sub-model

The objective for the compressor sub-model is
to calculate the shaft speed, input power, and outlet
temperature for the given refrigerant mass flow rate,
inlet temperature, inlet pressure, and outlet pressure.
The compression process is usually described using
the polytropic model for which the volume-pressure
relation is modeled in terms of a compression expo-

nent, n:
n
Pcomp,out _ < Ucomp_in ) (33)

PcompJn Ucomp_out

For a real gas undergoing isentropic compres-
sion, thus no heat transfer and no dissipation during
compression, the compression exponent is calcu-
lated as

P comp _out

Pcomp_in , (34)

Ps
Pcomp_in

n=n; =

where p; is the refrigerant density evaluated at inlet
entropy and outlet pressure.

The compressor sub-model uses the volumetric
efficiency model, for which

mref = Dfpcomp,innl/- (35)

Using Gayeski’s (2010) experimental data for a
rotary-piston type compressor, four volumetric effi-
ciency models have been compared: (1) the model
of Jahnig et al. (2000) for small reciprocating com-
pressors, (2) Kim and Bullard’s (2002) model for
reciprocating and rotary compressors, (3) a simple
model developed by the authors that accounts for
back leakage losses, and (4) the model developed
by Willingham (2009) for a scroll compressor. Al-

Table 5. Coefficients for volumetric efficiency model.

though two (Jdhnig et al. 2000; Kim and Bullard
2002) of the four models have been developed for
constant-speed compressors and would require a
different set of constants for each speed, only one set
of constants is calculated for each model. The con-
stants are calculated with nonlinear regression of 77
measured points shown in Appendix D. Comparison
results are shown in the Table 4.

Model 3, which accounts for re-expansion and
back leakage losses, shows the best agreement with
the measured data and has been chosen for the cur-
rent compressor sub-model:

m ref

= [le nV_C?a (Pcomp,uut_PcumpJn)] Pcomp_ins
(36)

1 C Pcomp,out s 1 37
= 2 <Pcompjn> ' ( )
where the isentropic exponent for a real gas ny is
calculated using Equation 34. Calculated constants
for this model are shown in Table 5.

The power model used for the compressor sub-
model was developed by Jahnig et al. (2000). It
calculates electrical power supplied to the motor
(Ecomp-mor) by introducing the combined efficiency
(ncomp), Which represents the ratio of the estimated
work required for a polytropic compression process
to the total power supplied to the motor:

Ecomp—mot Ncomb

ng—1

—m ng Pcompjn (Pcompout) s 1

— Myef - s
ng — 1 Pcomp_in Pauction

(3%

where
Psuction = Lcomp_in (1 - C4) ’ (39)

Neomb = CS + C() exp (C7 Pcomp,in) . (40)

Physical compressor property

Value Unit
C 9.16787 * 1076 (0.55945) m? (in%)
C, 3.17178 * 1072 -
C; 2.42768 * 1073 m>3/kPa

Effective displacement
Clearance volume fraction
Loss in effective displacement per unit back pressure
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Table 6. Coefficients and RMS error for power model.

Cy 0

Cs —0.41535
Cs 1.21272
C; —0.04012
RMS 3.88%

Values for the coefficients are listed in Table 6.
For the compressor sub-model, Pyp_in in Equation
40 has been replaced with pressure ratio Peomp_our/
P omp._in since it was found that this reduces the root-
mean-square (RMS) error from 11% to 3.88%.

The total compressor input power is then calcu-
lated as

Ecomp = Ecompfmot + Ecompfinvs (41)

where Ecopmp-iny is from Equation 96 in Appendix C.
Inverter parameters are reported in Appendix C.

The temperature at the compressor outlet is de-
termined from the energy balance equation, neglect-
ing the losses from the compressor to environment.
These losses are small for the well-insulated com-
pressor used in the test rig. A jacket loss correction
can easily be applied for un-insulated compressors
by estimating the portions of the jacket exposed in-
ternally to suction and discharge conditions.

The compressor energy input is used for the re-
frigerant enthalpy rise and for heating of the circu-
lating compressor oil:

Qmmp = Qshaﬁ + Qoil’ (42)

where

Qshaﬁ = Myef (hcamp,aut - hcompjn) ’ (43)

Ooil = M yiiCoil (TcompJ)ut - Tcump,in) .44

The oil mass flow rate has been taken as 4% of'the
refrigerant mass flow rate, and that fraction remains
constant for all calculations where oil is included.

Table 7. Compressor sub-model variables.

The compressor sub-model variables are shown
in Table 7.

Model validation

The heat pump used to validate the accuracy of
the HPM is a 2.5-kW mini-split heat pump with re-
frigerant R410A as the working fluid and a rotary-
piston type compressor. Details about experimen-
tal measurements have been published in Gayeski
et al. (2011), and the data summary can be found in
Appendix D.

The comparisons between the HPM outputs and
the experimental observations have been made at
the component and system level. Certain experi-
mentally measured values have served as the HPM
inputs, and the other measured values served as the
responses that the model is supposed to accurately
predict. The RMS error and relative mean (RM)
error are computed after making the errors dimen-
sionless as follows. RMS and RM for temperature
are defined as

Z (T Tm __T;alc )2
c,avg,m e,avg,m

N

RMS = . (45)

Tm - Tcalc

>

Tc,avgfm - Te,avg,m
N

RM =

(46)

RMS and RM for enthalpy are defined as

hm - hculc :
> (i)
th,m - hlzq,m
N

RMS =

. 4D

hm - hcalc
th,m - hl[q,m
N

z

RM =

: (48)

Parameters
Inputs

Compressor constants

Refrigerant mass flow rate (m,.r), compressor inlet temperature (7comp_in),

compressor inlet pressure (Pcomp_in), and compressor outlet pressure (Peomp_our)
Unknowns and outputs Compressor shaft speed (f), compressor input power (E¢,p), and compressor
outlet temperature (7 comp_in)
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and RMS and RM for all other variables are defined
as

Xm - Xcalc :
= (=)
RMS = . : (49)
Ny,
Z ’Xm ;Xcalc
RM=—°“m 1 (50)

N

where N, is the number of points, i.e., number of
distinct conditions tested. The range of conditions
is summarized in Appendix D.

Component sub-model validation

Air-to-refrigerant heat exchanger validation

The air-to-refrigerant evaporator and condenser
sub-models have been validated using the heat ex-
changer geometry data (summarized in Appendix
B) and measured performance data. The experimen-
tal data used as evaporator sub-model inputs are
cooling rate (Q. ), evaporator airflow rate (V,,),
enthalpy at the evaporator inlet (%, ), entering air
temperature (7-,), and superheating temperature
difference (ATe,m). The experimental data used
as condenser sub-model inputs are refrigerant mass
flow rate (m,m), compressor outlet temperature
(Tcomp our,m)> condenser airflow rate (V,,,), outside
air temperature (7,,,,), and subcooling temperature
difference (AT scm)-

30
3
o
25 o ¢
09&) .
o L.
< 20 -
\-.: &oéy ...'
e s L
r A
£ 15 & .5
& .
o
.
10 @,? Ps
[N
L]
5
5 10 15 20 25 30

Q./(V, rho, ¢,) (K)

Figure 2. Temperature difference between the refrigerant evap-
orating temperature and zone temperature as a function of
0./(V2pcp 2); calculated values are marked with diamonds, and
measured values are marked with dots.
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Figure 3. Temperature difference if the evaporator airflow is
taken to be 20% larger than inferred value; calculated values are
marked with diamonds, and inferred values are marked with dots.

Figure 2 shows the measured and calculated tem-
perature differences between the refrigerant evap-
orating temperature and entering air temperature;
there is a systematic difference between measure-
ment and prediction. The evaporator airflow rate
is not directly measured but rather inferred from
the measured cooling rate and the air temperature
difference. The average air temperature difference
is susceptible to nonuniform airflow and tempera-
ture distributions over the face area and to errors
in the cooling rate measurements. The analysis has
shown that an airflow rate 20% larger than that in-
ferred from the measurements would bring the cal-
culated and measured temperature differences into
very good agreement (Figure 3). Hence, 20% larger
airflow rate than the one calculated from the mea-
surements will be used in subsequent analyses. The
RMS errors for evaporator sub-model output vari-
ables are shown in Table 8. It is important to no-
tice that an error of a few degrees in the evaporat-
ing temperature can cause significant errors in the
compressor inlet pressure, due to the strong depen-
dence of pressure drop on density at low evaporating
temperatures.

Table 8. Errors for the evaporator sub-model output variables.

RMS (%) RM (%)
Moy 0.80 0.72
T, 3.26 2.75
T, 3.26 2.75
P, 2.22 1.82
Peomp.in 2.73 2.22
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Figure 4. Temperature difference between the refrigerant con-
densing temperature and ambient temperature as a function of
Oc/(Vopcp,o); the calculated values are marked with diamonds,
and the measured values are marked with dots.

The calculated temperature differences between
the refrigerant condensing temperature and outside
air temperature show good agreement with mea-
sured data (Figure 4). Although condensing tem-
perature errors influence the predicted compressor
outlet pressure, this relationship is not as strong as
the dependency between the evaporating tempera-
ture errors and compressor inlet pressure errors. Two
main reasons are high absolute condensing pres-
sures and a significantly lower pressure drop in the
condenser than in the evaporator due to larger vapor
densities leading to lower velocities. For example,
the calculated condenser pressure drop has an order
of magnitude 10 kPa to 60 kPa, which is approx-
imately 1.5% of the condensing pressure, whereas
the evaporating pressure has an order of magnitude
10 kPa to 200 kPa, approximately 1% to 20% of
the evaporating pressure. The RMS errors for the
condenser sub-model are shown in Table 9.

Water-to-refrigerant heat exchanger verification
Experimental data used for the chilled-water
evaporator sub-model verification have been pub-

Table 9. Errors for the condenser sub-model output variables.

RMS (%) RM (%)
0. 4.29 3.47
Pcnmp,out 1.28 0.98
T, 1.52 1.20
Ty 1.56 1.30

hiig 0.69 0.55
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Figure 5. Temperature difference between the refrigerant evap-
orating temperature and water inlet temperature as a function
of Q./(my,cy); calculated values are marked with diamonds, and
measured values are marked with dots.

lished in Gayeski (2010). Although the data were
not originally collected for validation purposes and
cannot be used for a detailed sub-model validation,
they are useful for initial verification of the chilled-
water evaporator sub-model. The experimental data
used as the evaporator sub-model inputs are cooling
rate (Q..m), water flow rate (m,,,,), enthalpy at the
evaporator inlet (%, ), entering water temperature
(T\,inm), and superheating temperature difference
(A Tesh,m)'

It can be seen from the evaporating tempera-
ture comparison (Figure 5) and the RMS errors
(Table 10) that the predicted output variables show
good agreement with measured data.

Compressor sub-model verification

The experimental data used as compressor sub-
model inputs are the refrigerant mass flow rate
(Myerm), compressor inlet temperature (Tcomp_inm)
compressor inlet pressure (Peomp_inm), and compres-
sor outlet pressure (Peomp_ous,m)-

It can be seen from the compressor output vari-
ables in Figures 6 and 7 that for the majority of

Table 10. Errors for the evaporator sub-model output variables.

RMS (%) RM (%)
Myes 0.30 0.22
T, 1.56 1.31
T, 4.20 4.12
Peomp.in 4.42 4.34
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Figure 6. Compressor shaft speed relative error.

points, the relative errors range between +3% for
speed and +10% for power. Although it is impor-
tant to predict compressor power as accurately as
possible, it is not reasonable to expect lower er-
rors from in situ (as opposed to test stand) mea-
surements and with the simple compressor model
used in the HPM. The HPM tends to over-predict
the compressor outlet temperatures by as much as
8 K; however, these discrepancies do not signifi-
cantly influence COP predictions. The outlet tem-
perature over-predictions can be the consequence of
neglecting the compressor shell heat losses or as-
suming too low a circulating oil fraction. Errors in
the measured suction temperature and suction and
discharge pressures also influence estimates of the
calculated inlet and outlet enthalpy and outlet tem-
perature.

The errors for the compressor sub-model are
shown in Table 11.

relative error (%)
nN
.

comp
S

E
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Figure 7. Compressor power relative error.

Table 11. Errors for the compressor sub-model output variables.

RMS (%) RM (%)
f 1.57 1.29
Ecomp 3.88 2.99
Tcomp-out 4.33 3.54

System validation

The measured values used as the system model
inputs are cooling rate (Q, ,), evaporator airflow rate
(Vzm), condenser airflow rate (V,,,), zone (room) air
temperature (77,,), ambient air temperature (7,,,),
superheating temperature difference at the evapo-
rator outlet (A7), and subcooling temperature
difference at the condenser outlet (A 7sc.m)-

It can be seen in Figure 8 that the errrors in COP
predictions are within £10% bounds for 68 of 77
points and that the errors are proportional to the
compressor power errors shown in Figure 7.

An interesting example is the validation per-
formed with the same inputs as in the validation
section but without the pressure drop calculations.
This change can result in significant errors for the
evaporator sub-model, where pressure drops ac-
count for up to 20% of the evaporating pressure.
The errors in the evaporator outlet pressure then
lead to serious under-predictions of the compressor
speed and power consumption. The significant in-
creases in RMS and RM errors for compressor inlet
pressure, compressor power, and COP are shown in
Table 12b.

20

1/COP relative error (%)

0.2 0.4 0.6 0.8 1 1.2 1.4
(kW)

comp,m

Figure 8. 1/COP relative error.
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Table 12. RMS errors for the system output variables.

(a) With pressure drop calculations

(b) Without pressure drop calculations

RMS (%) RM (%) RMS (%) RM (%)
Myef 0.51 0.40 1.63 1.38
T, 3.26 2.75 3.11 2.57
T 3.26 275 3.11 2.58
Py 2.22 1.82 2.13 1.75
Peompin 2.66 2.16 11.83 9.12
Peompout 135 1.04 1.56 1.22
Prat 0.0405 0.0046 0.75 0.085
f 3.76 3.10 11.71 9.45
Ecomp 7.10 5.82 14.03 11.48
Teomp.out 13.01 10.99 26.48 23.04
0. 3.89 3.26 4.59 4.06
T2 1.62 1.28 1.71 1.38
Teq 1.71 1.41 1.60 1.30
hiig 0.74 0.59 0.71 0.55
COP 6.09 4.97 17.45 13.95

Conclusion

The steady-state HPM is developed from first-
principle models of the evaporator and condenser
and a semi-empirical compressor model. The re-
quired model inputs are the cooling rate, zone (or
water inlet) and ambient temperatures, evaporator
and condenser airflows (or water flows), desired su-
perheating temperature difference, and subcooling
temperature difference (or condenser area percent-
age devoted to subcooling). For a given set of com-
ponent parameters and inputs, the model will solve
for power consumption, mass flow rate, compres-
sor speed, condenser heat rate, temperatures, and
pressures in the evaporator; temperatures and pres-
sures in the condenser; compressor inlet and outlet
pressures and pressure drops in the condenser, the
evaporator, and compressor suction and discharge
lines.

Two evaporator sub-models that describe finned-
tube air-to-refrigerant and brazed-plate water-to-
refrigerant heat exchangers are presented using the
heat balance equations and ¢-NTU method for the
evaporating and superheating region. The finned-
tube refrigerant-to-air condenser is modeled in a
similar manner, except it consists of the desuper-
heating, condensing, and subcooling regions. The
heat transfer coefficients can be given as constants
for each heat exchanger or calculated separately for
the air/water stream and two-phase and single-phase

refrigerant flows. The sub-models allow pressure
drops to be calculated or ignored. Because refrig-
erant charge balance has not been modeled, and a
liquid receiver is assumed to maintain the neces-
sary charge balance, the user needs to specify the
evaporator superheat and condenser subcooling.

The compressor sub-model calculates the com-
pressor speed, compressor power, and discharge
temperature for a given mass flow rate, compres-
sor inlet state, and outlet pressure. The shaft speed
is calculated using a volumetric efficiency model,
and the compressor power is calculated as the power
required for isentropic work, corrected by the com-
bined efficiency that takes into account losses in the
compressor and motor. The compressor outlet tem-
perature is calculated from the compressor heat bal-
ance, through which the lubricating oil is assumed
to pass in a constant mass fraction.

The model results for a 2.5-kW mini-split heat
pump are compared against 77 measured points col-
lected by Gayeski (2010). Some measured variables
have been used as the inputs to the HPM, and other
measured values are used for comparison with the
model outputs. The measured and predicted values
were compared at the component and system levels.
The relative error in COP predictions is better than
+10% range for 68 of the 77 test points.

Model accuracy is strongly related to the evap-
orating temperature and pressure drop predictions.
Neglecting the pressure drop, especially pressure
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drop in the evaporator and suction pipe, can have sig-
nificant consequences for the COP and shaft speed
prediction because it influences the compressor suc-
tion state. When pressure drop was neglected, with
all other inputs unchanged, the RMS error in the
COP prediction has increased from approximately
6.1% to 17.5%.

The main goal—to develop an HPM suitable
for a wide range of operating conditions and loads
and also fast enough to embed in an optimization
shell—is achieved using conservation equations and
amodified volumetric efficiency compressor model.
A modular approach gives the possibility of choos-
ing between different simulation options and makes
the model easy to expand and customize. The model
can be used for air-to-air, water-to-air, or water-to
water, single compressor or multiple parallel com-
pressor applications. Examples of these capabilities
will be included in an article in preparation for sev-
eral different heat pump variations and three opti-
mization variables (evaporator and condenser fan
speeds and condenser subcooling fraction). Cur-
rently, the program runs 20 s to 40 s for a sin-
gle operating point, depending on the complexity
(pressure drop calculations, variable heat transfer
coefficients, subcooling, etc.) and has a potential to
become much faster, because the main limitation
for faster execution time is the usage of REFPROP
in refrigerant property calculations (30 s out of 40
s, according to a MATLAB profiler). Future work
will concentrate on compressor and inverter model
improvements and additional component develop-
ment, as well as the reduction in computational time
required for convergence.
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Nomenclature

English letter symbols

A = area, m?

C = fluid thermal capacitance rate, W/K
C = constant, —

Cp = specific heat at constant pressure,

J/(kgK)

= specific heat at constant volume,
J/(kgK)

= pipe diameter, m

= effective or actual displacement, m3

= pipe roughness, m

= power, W

= compressor shaft speed, Hz

= friction factor, —

= acceleration due to gravity, m/s’

= mass velocity, kg/(m?s)

= convective heat transfer coefficient,
W/(m?K)

= specific enthalpy, kJ/kg

= exponent for ideal gas under isen-
tropic compression, —

= thermal conductivity, W/mK

= heat exchanger pipe length, m

= mass flow rate, kg/s

= molar mass, kg/kmol

= compression exponent, —

= number of measurement points, —

= number of heat exchanger pipe rows,

oL B i < ST O TN

Eanli

== zy o
|

ng = exponent for real gas under isen-
tropic compression, —

= number of transfer units, —

P = pressure, Pa

r = pipe radius, m

= square root of arithmetic mean of the

squared residuals

0] = heat rate, W

s = entropy, J/(kgK)

t = heat exchanger pipe thickness, m

T = temperature, K

U = overall heat transfer coefficient,
W/(m?K)

UA = heat exchanger UA value, W/K

v = specific volume, m’/kg

14 = volumetric air or water flowrate, m>3/s

w = fan or pump speed, rpm

w = mass fraction, kg/kg

w = mean velocity of fluid, m/s

X = vapor quality, kgy/kg

y = heat exchanger area percentage de-
voted to desuperheating, subcooling,
evaporation, or condensation, —

Z = resistance factor, —

Greek letter symbols

B = chevron angle,®
A = difference, —
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Subscripts

air
avg =
C =
cl, c4 =
c2,c3 =

calc =
comp =
comp_in =
comp_out =
¢p, csc, csh =

d =
discharge =

Jg =
Sfin =

e
el,e3
e2

ep, esh =

ex

inv
lig

lig =

3
|

max
min
mix
0

(0] =
out
ref
K

K
sc
sph
suction =
iph =
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cross-flow effectiveness, —
efficiency, —

dynamic viscosity, Ns/m?
density, kg/m’

enlargement factor, —
mole fraction, kmol/kg

air

average

whole condenser

condenser inlet and outlet
beginning and end of condensing re-
gion in condenser

calculated

compressor

compressor inlet

compressor outlet

condensing, subcooling, and desu-
perheating region of condenser
discharge pipe

compressor discharge state

change from saturated liquid to satu-
rated vapor

fin

whole evaporator

evaporator inlet and outlet

end of evaporating region in evapo-
rator

evaporating and superheating region
of evaporator

external

hydraulic diameter

= internal

inverter

evaporator inlet and condenser outlet
state

liquid

= measured

maximum

minimum

refrigerant and oil mixture
outside

oil

outside

refrigerant

suction pipe

surface

subcooling region of condenser
single phase

compressor suction state
two phase

tr = trial value

Y = volumetric

w = water

w,e2 = end of evaporating region in evapo-
rator, water side

w,in = water inlet side

w,out = water outlet side

z = zone
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Appendix A: Heat transfer and
pressure drop correlations

Heat transfer coefficient correlations
Finned-tube heat exchanger
The product of heat conductance and the heat
exchanger area UA for a finned-tube heat exchanger
is calculated as
1 1 t 1

i , 51
U4 nsheerx * kAm * hinAin ( )

where the surface efficiency 7, is given by (Mc-
Quiston et al. 2004)

A
m=l- e (l=mm). (52)

A+ Ao

and the fin efficiency is calculated using the
Schmidt method for continuous-plate fins (McQuis-
ton et al. 2004):

tanh (m rpu9)
= —) 53
i M Fourh 43)
2hx

=== 54
m= (54)

Re uiv Re uiv

¢ = <L — 1) [1 +0.35In (L)} ,
Yout Vout

(55)

R M L 0.5
T —1.28 (-) (- — o.z) ;. (56)

Vout Yout M

M and L are defined in Figure A.1, where L is always
selected to be greater than or equal to M.

The external heat transfer coefficient is calcu-
lated using Gray and Webb (1986) correlations for a
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Figure A.1. Rectangular tube array (McQuiston et al. 2004).

plate finned-tube heat exchanger and geometry pa-
rameters defined in Figure A.2. The correlation is
valid for smooth fins and any number of tube rows:

JN
ex — chpairwairs (57)
where for four or more tube rows (N > 4),

L — 0. 14Re—0328 (S 0502 ;00312
J4 . . 2 |

(58)

all

dqdid
qaad o
dddd

NAA~

Figure A.2. Heat exchanger geometry.

out

and for less than four rows,

. N\ 0031
IN¥ _0.991 |2.24Re~00%2 (-)

Ja 4

The internal heat transfer coefficient for a
single-phase fluid is calculated using forced-
convection correlations from ASHRAE fundamen-
tals (ASHRAE 2009):

0.607(4—N)

(39)

hindin

for laminar flow (Re < 2300) : Nu =

RePr\ /3 0.14
—1.86 (=1 £)Y . 60
L/din M
hindin

= 0.023Re* Pr¥,

(61)

where x = 0.4 if the air temperature is higher than
the refrigerant temperature (in the evaporator), and
x = 0.3 if the air temperature is lower (condenser).

The internal heat transfer coefficient for evapo-
ration is calculated using a correlation for refriger-
ants evaporating in horizontal tubes from ASHRAE
Fundamentals (ASHRAE 2001):

for turbulent flow : Nu =

Ny = Hindlin
kliq
) 0.4
— 0.0082 (Grefdin) (Xour — Xin) hfg )
Miig L g
(62)
where

Tref (63)

Gre'z 5 o a
7T w4

The internal heat transfer coefficient for conden-
sation is calculated from correlations for film con-
densation from ASHRAE Fundamentals (ASHRAE
2001):

hindin
Nty = ==
lig
1/6
1/3 hye
=138 () ()
p.lig \Lsat wall

0.2
din Gre " i 12
x | Snre (ﬂ) . (64)
Miig Pvap
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Equation 64 is valid for

din Gre{f
Hiig Hiig

Gref Plig

Pvap

When

din Gre ' i 12

20,000 < Zn7rd <ﬂ> <100, 000,
Miig Pvap

Equation 65 is used instead of Equation 64:

hdy i\
Nuh-q = —=0.1 M (Pl'[[q)l/3
kliq kliq

he 1/6
(ot
Cp lig (Tsat - Twall)

2/3
.G, N 12
« inJref < Plig > (65)
Hi Pvap
Since the evaporator is divided into two regions
and the condenser into three regions, the areas for

each region are expressed as a fraction (yep, Vesh» Veps
Vesh» Vese) Of the total evaporator or condenser area:

Ae,i = denLe,i = denye,iLe, (66)

Acj=dmLl.; =dcmyc;Le. (67)

Brazed-plate heat exchanger

The product of heat conductance and the heat ex-
changer area UA for the brazed-plate heat exchanger
is calculated as

(68)

The heat transfer coefficient for a single-phase
fluid is calculated for the water side and the evapo-
rator superheating region using the Wanniarachchi
et al. equation (ASHRAE 2009) for low Re numbers
and Muley and Manglik’s (1999) equation for high
Re numbers:

hd
for Re < 10* : :Thz(Nu?+Nuf

Nu )1/3
0.17
x Pr!/3 (i) , (69)
Mo

d: 1/2
< 1,000 and === <—> < 20, 000.

where
NUI — 3.65(ﬂ)—04455(¢)0.661R60.339’ (70)
Nu, — 12.6([3)71.142(¢)17mRem’ (71)
m = 0.646 4+ 0.0011(B), (72)
for Re > 10*:
hd;,
Nu = = [0.2668 — 0.006967(90 — B)

+7.244 x 1073(90 — B)*] x (20.78

—50.94¢ + 41.16¢* — 10.51¢°)
s« Re!0-728+0.0543 sin[x (90— B)/45]+3.7}

0.14
x Pr1/3<i> . (73)
M

The heat transfer coefficient for evaporation is
calculated using the Cooper’s (1984) equation:

hy = 55p*(°'12’0'2 logjy R) (_ log,, p*)fo.ss

X q0.67 M—0.5 , (74)

where p* = p/p,, is reduced pressure, R, (um) is
roughness, M is molecular weight, and ¢ (W/m?) is
heat flux.

Pressure drop correlations

The pressure drops inside the heat pump have
been modeled for the evaporator, condenser, suction
pipe, and discharge pipe, separately for single-phase
and two-phase flow. The lengths of each evaporator
region (L., and L) and condenser region (Lp, Legh,
and L) are calculated as the fractions of the total
evaporator and condenser pipe length, as shown in
Equations 66 and 67.

Pressure drop for single-phase flow is calcu-
lated from the Darcy-Weisbach equation (ASHRAE
2009):

Apgn = fL—i-ZZ G* (75)
Peph = dh 2loatvg

where the resistance factor Z accounts for local pres-
sure drops (U-turns, valves).

The friction factor in the pipes for a finned-tube
heat exchanger is calculated from the Colebrook
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equation (ASHRAE 2009):
1 2e 18.7
— =1.74 —2log (— + —) , (76)
NA din ~ Rey/f

while the friction factor for a brazed-plate heat ex-
changer is calculated using the Wanniarachchi et
al. correlation (ASHRAE 2009) for low Re num-
bers and the Muley and Manglik (1999) equation
for high Re numbers:

forRe < 10*: £ = (43", @7

where
fi =1774(8) "% (¢)* Re™, (78)
fi =46.6(8)""%($) P Re?, (79)
p = 0.00423(8) + 0.0000223(8)>;  (80)
for Re > 10*

f =1[2.917 —0.1277(90 — B) + 2.016
x 1073(90 — B)?] x (5.474 — 19.02¢

+18.93¢% — 5.341¢°)
« Re—(0-240.0577 sin[r (90— p)/45]+2.1} 81)

Pressure drop for two-phase flow in a finned-
tube heat exchanger is modeled using pressure drop
correlations developed by Choi et al. (1999). The
pressure drop correlation is an improved version
of the relatively older Pierre’s model, which is still
often used because of its simplicity and validity.
The model includes the oil influence for refriger-
ant/lubricant mixtures.

The pressure drop due to friction and acceleration
in the pipes is calculated as:

ADiph, f+a = [Wﬂvum - Uin):| G,
(82)
where
f = 0.00506Re " K G134, (83)

Gdin
Reiig = ; (84)
Mmix
AX hy,
K= &. (85)

Modifications that have been made to accommo-
date the influence of oil on vapor quality, and liquid
Reynolds number can be found in Choi et al. (1999).
In the HPM, the oil mass flow rate has been taken
as 4% of the refrigerant mass flow rate, the same as
in the compressor sub-model.

The model developed by Choi et al. (1999) does
not investigate the loss due to the flow turn in
the 180°return bends. However, in Pierre’s original
model, that loss is accounted for using the resistance
factor Z of magnitude 0.7 to 1.0, where the higher
value represents the case when oil is present:

G2
2 : ref
Ap h,U—turn — Z_e (86)
e 2 Pref

The total pressure drop in the HPM for two-phase
flow is then calculated as:

Apuph, f+a = APph, f+a + ApphU—turn-  (87)

Pressure drops for two-phase flow in a brazed-
plate heat exchanger are calculated using Equation
75, where the friction factor f is calculated from
Hsieh and Lin’s (2002, 2003) correlation for the re-
frigerant R-410A. The correlation is valid for 2000
< Re < 12,000 and 0.0002 < Bo < 0.002:

f =23820Re,"?, (88)
where
Geyd
Regy = —1, (89)
129}
0 1/2
Geg=G [(1 — Xavg) + Xang (p—l) } . (90)
g

The average density for Equation 75 is calculated

(=5 ]
Parg = |:<Xavg> + Xavg :| ) 1)
Pg Li

as
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Appendix B: Geometry data

Geometry data for each component are given in
Tables B.1 through Table B.3.

Table B.1. Geometry data for air-to-refrigerant heat exchangers.

Evaporator Condenser
Length, m (in.) 0.62 (24.41) 0.86 (33.86)
Height, m (in.) 0.34 (13.39) 0.50 (19.69)
Depth, m (in.) 0.03 (1.18) 0.022 (0.87)
Fin/meter (Fin/in.) 787 (20) 709 (18)
Total number of fins 488 625
Number of tubes 16 + 16 (two branches) 12 + 12 (two branches)
Number of tube rows 2 1
Total tube length, m (ft) 19.84 (65.09) 20.57 (67.49)

Tube inside diameter, m (in.)
Tube outside diameter, m (in.)
Inside area, m? (ft)

Outside area, m? (ft?)

Fin area, m? (ft%)

Fin thickness, m (in.)

0.0052 (0.205)
0.0068 (0.268)
0.296 (3.187)
0.421 (4.533)
7.312 (78.704)

1.02 x 1074 (4.02 x 1073)

M, m (in.) 0.0075 (0.30)

L, m (in.) 0.009 (0.35)
Vertical distance between tubes s,, m (in.) 0.018 (0.71)
Horizontal distance between tubes s; m (in.) 0.015 (0.6)
Distance between fins s;, m (in.) 1.17 x 1073 (0.046)
Minimum flow area, m? (ft?) 0.03 (0.32)

Number of U-turns 16 4+ 16 (two branches)

0.0049 (0.193)
0.0065 (0.256)
0.307 (3.305)
0.422 (4.541)
12.6561 (136.229)
7.62 x 1075 (3.00 x 1073)
0.010 (0.39)
0.011 (0.43)
0.020 (0.79)
0
1.34 x 1073 (0.053)
0.27 (2.91)
12 + 12 (two branches)

Table B.2. Geometry data for water-to-refrigerant heat

Table B.3. Geometry data for suction and discharge pipe.

exchanger.
Suction Discharge
Evaporator pipe pipe

Length, m (in.) 0.032 (1.26) Length, m (ft) 3(9.8) 1.1 (3.6)
Height, m (in.) 0.458 (18.03) Pipe inside 0.0079 (0.311) 0.0079 (0.311)
Depth, m (in.) 0.086 (3.39) diameter, m
Number of plates 10 (in.)
Number of water 5 Local pressure 2 2

channels drop factor
Number of refrigerant 4

channels

5 x 1074 (0.0197)
2.1 x 1074 (0.0083)

Plate thickness, m (in.)
Distance between

plates, m (in.)
Chevron angle,® 45
Enlargement factor 1.17
Roughness, m (in.) 1.5 x 1076 (5.9 x 107°)
Total area, m? (ft%) 0.279 (3)

Appendix C: Flow speed, power
speed, and inverter loss models

Above a certain Reynolds number, the momen-
tum imparted by a passing blade to the airstream
is sufficient to overcome viscous forces. In the flow
regime between the transition Reynolds number and
a tip Mach number of about 0.5, the flow rate is
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0.70 2010).
60 y = 0.0006242x - 0.0360987
° R? = 0.9998610 V, = 0.000624w, — 0.0361. (92)
~ 050
= 040 For the same condenser fan, a power-speed (W-
8" rpm) relation based on power measurements taken
5 0.30 over the same speed range, as shown in Figure C.2,
=] . . .
= 520 is given (Gayeski 2010) by:
0.10 Eeomor = 1.48 % 1077 (w,)>332, (93)
0.00 .
0 200 400 600 800 1000 1200 Pump flow speed and power- peed relations are
Shaft speed (rpm) . . . .
) modeled using simple power laws, since detailed
Figure C.1. Condenser fan flow rate versus fan speed. experimental measurements for the pump were not
performed. Pump flow rate and power are measured
70 at just one operating speed w), o, and the measured
values are used for the coefficients V,, o and E,, o:
60 y= 8.0000)(2.5320
R = 0.9997
50 w,
z Vw = Vw,0 <_> s (94)
5 40 Wp,0
£
£ Vo\3
5 30 w
§ Ep pmor =19.5 (1'32> . 95)
20
10 The compressor inverter loss is important, es-
pecially in low-speed, low-pressure-ratio operation.
% 300 900 1200  Details of inverter performance are complex (Bier-

600
Shaft Speed (RPM)

Figure C.2. Condenser motor power versus fan speed.

directly proportional to impeller speed. A typical
condenser fan flow-speed (m?/s-rpm) relation based
on 18-point traverses taken at x = [300:100:1100]
rpm and shown in Figure C.1 is given by (Gayeski

hoff and Fuchs 2004; Rajapakse 2005). However,
semi-empirical models exist to predict inverter loss
as a function of carrier frequency, voltage, and fun-
damental frequency presented to the motor, motor
load in terms of direct and reactive RMS currents,
and inverter heat sink temperature. Such models can
be based on analytical or numerical models using

50 v0e 0 M, AN o » * ®oe f?. w$s ¢ M pe o 0N 1.0
..Mo oo v o Og v a
RY et 5 o o IS
40 ¥4 T— . DDD =g~"gno chD 08 .
% DD e 5 - - -D-- N DD e %
&30 Soge————g & —o 0.6 £
= Poga B o . y =0.0153 + 23.40 =
2 a8, e RS = 0.62 £
é 20 . 8o 0.4 g
10 0.2
0 T T T T T T 0.0
0 200 400 600 800 1000 1200 1400
Motor Power (W)

Figure C.3. Inverter efficiency (dots) and loss (squares) as function of compressor motor power.
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parameters typically given by manufacturers plus
some measured test results (Sheng et al. 2000). Al-
ternatively, one can fit semi-empirical models for
special cases, e.g., fixed DC-bus voltage, fixed car-
rier frequency, and fixed V/f relation, using only
measured data.

To satisfy the immediate objectives, the simplest
useful model in which loss is a function only of mo-
tor load in watts has been implemented. The loss
intercept is not zero in part because a portion of
the inverter loss is associated with reactive current,
and, while true power delivered to the motor cov-
ers a wide range (100 W to 1300 W), the reactive
current and its associated /2R and forward voltage
losses are relatively constant. The measured com-
pressor inverter loss is plotted against motor load
Ecomp-mor in Figure C.3. The regression line from

these measurements (Gayeski 2010) is given by
Ecomp—inv = 0.015E copp—mor +23.4.  (96)

Note that according to these measurements, the
inverter is about 97% efficient at a motor load
of 1300 W, 95% at 600 W, and 86% at 200
W. Some of the scatter is explained by compres-
sor speed and variations in condenser discharge
temperatures to which the inverter heat sink is
exposed.

Appendix D: Experimental data
conditions

Experimental data conditions are given in Tables
D.1 and D.2.
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Evaporator air inlet temperature,”C (°F)
Condenser air inlet temperature,”C (°F)
Compressor speed, Hz

Condenser fan speed, rpm

Evaporator fan speed, rpm

Cooling rate, W (Btu/hr)

Compressor three-phase power, W (Btu/h)
Pressure ratio

Refrigerant mass flow rate, kg/s (Ib/min)

14 (57), 24 (75), 34 (93)

15 (59), 22.5 (72.5), 30 (86), 37.5 (99.5), 45 (113)

19, 30, 60, 95

300, 450, 600, 750, 900, 1050, 1200
Fixed at the maximum speed

From 1074 to 3897 (3665 to 13,300)
From 94 to 1329 (321 to 4535)

From 1.2 t0 4.8

From 0.0047 to 0.019 (0.622 to 2.513)

Table D.2. Test conditions actually realized.

Condenser fan Evaporator air inlet Condenser air inlet Compressor

speed, rpm temperature,”C (°F) temperature,”C (°F) speed, Hz N
300 14 (57), 24 (75) 30 (86) 19, 30, 60 6
450 14 (57), 24 (75) 30 (86) 30, 60 4
450 24 (75) 30 (86) 19, 87 2
450 24 (75) 37.5(99.5) 60 1

450 14 (57) 45 (113) 30, 60, 82 3

600 14 (57) 30 (86), 45 (113) 30, 60, 95 6
600 24 (75) 30 (86) 19, 30, 60, 93 4
750 14 (57), 24 (75), 34 (93) 17 (62.6), 22.5 (72.5), 30 (86) 19, 30, 60, 95 36
750 34 (93) 37.5(99.5) 86-95 1

750 14 (57), 24 (75), 34 (93) 45 (113) ~80 3

900 14 (57) 30 (86) 30, 60, 95 3

900 14 (57) 37.5(99.5) 60 1

900 14 (57) 45 (113) 30, 60, 82 3

900 24 (75) 30 (86) 19, 30, 60, 95 4




